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Convective heat transfer inside a rotating cylinder with an axial air flow
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Abstract

This article presents an experimental identification technique for the convective heat transfer coefficient inside a rotating cylinder with an axial
airflow. The method consists in heating the outer face of the cylinder using infrared lamps, and acquiring the evolution of the external surface
temperature versus time using an infrared camera. Heat transfer coefficients are identified via three methods. The first one is based on an inverse
model, the second one assumes the wall of the cylinder as a thermally thin wall and the third one is based on an analytical method permitting
to obtain the temperature field within the whole cylinder. The experiments were carried out for a rotational speed ranging from 4 to 880 rpm
corresponding to rotational Reynolds numbers varying from 1.6 × 103 to 4.7 × 105 and an air flow rate varying from 0 to 530 m3 h−1 which
corresponds to an axial Reynolds numbers ranging from 0 to 3 × 104. Correlations connecting the Nusselt number to the axial and rotational
Reynolds numbers are also proposed.
© 2006 Elsevier Masson SAS. All rights reserved.
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1. Introduction

Rotating electric machines are subject to very severe heat-
ing phenomena resulting from electric losses occurring in their
different constituents. To maintain the proper use of a motor
it is therefore necessary to have perfectly designed cooling
systems. In the absence of cooling, materials used are unable
to sustain the temperature levels obtained during use with-
out serious damage. Heating problems within these machines
remain alarming despite progress made these last few years
as regards their design. In order to avoid or minimize these
overheating phenomena, cooling systems allowing the dissi-
pation of the heat flux towards the ambient surrounding have
to be taken into account in the optimized design of such ma-
chines.

* Corresponding author. Tel.: + 33 327 511 971; fax: + 33 327 511 961.
E-mail address: souhil.seghir-ouali@meletu.univ-valenciennes.fr

(S. Seghir-Ouali).
1290-0729/$ – see front matter © 2006 Elsevier Masson SAS. All rights reserved.
doi:10.1016/j.ijthermalsci.2006.01.017
In order to significantly decrease the temperature within the
rotating part (rotor), it is essential to have a correct idea of
the heat transfer between the rotor surface and the air in con-
tact with it. The most usual rotor geometry is a full cylindri-
cal rotor placed inside a fixed stator. For such configurations
flows onto the external face of the rotor are widely studied
with for instance the flows of Taylor–Couette [1–3] or Couette–
Poiseuille [4,5].

However, the case where an empty cylinder is used as a rotor
is less documented in literature and there only exist few corre-
lations to obtain the convective heat exchange on the inner face.
This study aims at experimentally identifying the heat transfer
coefficients within a rotating empty cylinder with an internal
axial airflow. The experimental procedure is based on the mea-
surement of the heated cylinder surface temperature evolution
versus time using infrared thermography. The heat transfer co-
efficient is then identified by resolving the heat equations using
three different methods: an analytical solution of the heat equa-
tion, an inverse technique and a global heat balance with the
assumption of a thermally thin wall.
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Nomenclature

a thermal diffusivity, = λ/ρc . . . . . . . . . . . . . . m2 s−1

Bi Biot number, = eh/λ

c specific heat . . . . . . . . . . . . . . . . . . . . . . . . J kg−1 K−1

D cylinder diameter . . . . . . . . . . . . . . . . . . . . . . . . . . . m
e cylinder wall thickness . . . . . . . . . . . . . . . . . . . . . . m
g gravity, = 9.81 m s−2

Gr Grashof number, = gβ(Tp − T∞)D3
e /ν

2

h heat transfer coefficient . . . . . . . . . . . . . W m−2 K−1

H = h/λ . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . m−1

I thermal level
� bridle thickness . . . . . . . . . . . . . . . . . . . . . . . . . . . . . m
L length of rotating test section . . . . . . . . . . . . . . . . . m
m mass of the test section . . . . . . . . . . . . . . . . . . . . . . kg
Nu Nusselt number, = Dh/λ

Pr Prandtl number, = μc/λ

Qv air flow rate . . . . . . . . . . . . . . . . . . . . . . . . . . . . m3 h−1

r radius of cylinder . . . . . . . . . . . . . . . . . . . . . . . . . . . m
Rea axial Reynolds number, = 4Qv/πνDi

Rer rotational Reynolds number, = ωD2
i /2ν

S surface or section . . . . . . . . . . . . . . . . . . . . . . . . . . m2

t time . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . s
	t time step . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . s
T temperature . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . K
U velocity . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . m s−1

or voltage . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . V
x abscissa in the thickness of cylinder direction . . m
	x space step . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . m
z axial coordinate . . . . . . . . . . . . . . . . . . . . . . . . . . . . . m

Greek symbols

α angle . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . rad
β thermal coefficient of volumetric

expansion . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . K−1

ε emissivity/relative error
ϕ heat flux density . . . . . . . . . . . . . . . . . . . . . . . W m−2

ϕ0 IR lamps heat flux density . . . . . . . . . . . . . . . W m−2

λ thermal conductivity . . . . . . . . . . . . . . . W m−1 K−1

μ dynamic viscosity . . . . . . . . . . . . . . . . . . kg m−1 s−1

ν kinematic viscosity . . . . . . . . . . . . . . . . . . . . . m2 s−1

ρ density . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . kg m−3

ω rotational speed . . . . . . . . . . . . . . . . . . . . . . . . rad s−1

σ Stefan–Boltzmann constant,
= 5.67 × 10−8 W m−2 K−4

θ temperature difference . . . . . . . . . . . . . . . . . . . . . . . K
χ = (	x)2/(a	t)

Subscripts and superscripts

a axial
c critical
corr correlation
cv convection
cyl cylinder
e exterior
exp experiment
i interior
max maximal
nc free convection
p wall
r rotational/radiation
VT vetronite epoxy
∞ ambient
2. Literature survey

2.1. Convective heat transfer from a horizontal rotating
cylinder

Convective heat transfer from a horizontal rotating cylinder
has been studied by many authors. Most of them concluded that
rotation has no significant effects on the heat transfer coefficient
for low rotational speeds and that the heat transfer is governed
by free convection.

However, for very high rotational speeds, the forced con-
vection is the preponderant heat transfer regime and the aver-
age Nusselt number on the cylinder surface is often obtained
with correlations such as Nu = a Reb (a and b being constants
whose values vary from one author to another). Between the
free and forced convection regimes, there is a transitional phase,
which corresponds to the mixed convection regime and where
the average Nusselt number depends on both the Reynolds and
Grashof numbers. Correlations found by the main authors about
the convective heat transfer for a horizontal rotating cylinder
have been gathered on Table 1.
2.2. Heat transfer coefficient inside a stationary cylinder

Study about convective heat transfer inside stationary tubes
was carried out by many authors, for numerous geometries and
various flow types. In the case of stationary tubes with an ax-
ial flow, the Dittus and Boelter correlation can for instance be
quoted [16–19]:

Nu = 0.023Pr0.4Re0.8
a (13)

This correlation is used for long and/or low diameter tubes
since it remains valid for a length/diameter ratio greater than 60.
The Prandtl number has to range between 0.7 and 120 and
the axial Reynolds number must be ranging between 104 and
1.2 × 105.

Colburn [17,20] proposes the following correlation, also
valid for a L/D > 60 ratio, a Prandtl number ranging from
0.7 to 100 and an axial Reynolds number between 104 and
1.2 × 105:

Nu = 0.023Pr1/3Re0.8
a (14)
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Table 1
Heat transfer correlation from rotating cylinder

Authors Validity criteria Correlation

Morales et al. [6]
1 � [Gr/(Re2)] and

Nu = Nunc − 2.345 × 10−8Gr [Gr/Re2]−0.783 (1)
1.42 × 104 < Gr < 1.42 × 108

Anderson and Saunders [7] Re > Rec = 1.09Gr0.5 Nu = 0.1Re0.66 (2)

Etemad [8]
1000 < Re < 8000 Nu = 0.11 [(0.5Re2 + Gr) × Pr]0.35 (3)
8000 < Re < 65 400 Nu = 0.076Re0.7 (4)

Dropkin and Carmi [9]
0 < Re < 2500 Nu = 0.095 [0.5Re2 + Gr]0.35 (5)
15 000 < Re < 433 000 Nu = 0.073Re0.7 (6)

Kays and Bjorklund [10] 600 < Re < 50 000 Nu = 0.095Re0.66 (7)

Abu-Hijleh and Heilen [11]
5 < Re < 450 and Nu = 1.586 + 0.051Re0.7072 × A

(8)
0.1 < k = Gr/Re2 < 10 A = [−0.4497 + 2.254k0.6729]0.5978

Becker [12] 800 < Re < 105 Nu = 0.133Re2/3Pr1/3 (9)

Kendoush [13] 103 < Re < 104 Nu = 0.6366 [Re Pr]0.5 (10)

Özerdem [14] 2000 < Re < 40 000 Nu = 0.318Re0.571 (11)

Shimada et al. [15] 300 < Re < 3000 Nu = 0.046 [Re2 + 8Gr]0.35 (12)
Later on, McAdams [21] proposes the correlation taking into
account the L/D ratio:

Nu = 0.023Pr1/3Re0.8
a

[
1 +

(
D

L

)0.7]
(15)

This correlation remains valid for a Prandtl number rang-
ing from 0.7 to 100, a Reynolds number ranging from 104 to
1.2 × 105. For this correlation, the L/D aspect ratio must re-
main between 2 and 20.

In transitional regime (2300 < Rea < 8000), Hausen [22]
proposes this correlation:

Nu = 0.016Pr0.33(Re0.66
a − 125

)[
1 +

(
D

L

)0.66]
(16)

For laminar Rea < 2300 regime, Hausen [22–24] also pro-
poses the following correlation, obtained for aspect L/D ratios
equal to 0.5, 0.1, and 0.01:

Nu = 3.66 + 0.0668ReaPr D/L

1 + 0.04(ReaPr D/L)0.667
(17)

Many other correlations can be found in literature for this
type of configuration and this list is far from being exhaustive.

2.3. Fluid flow and heat transfer in a rotating cylinder with an
internal axial airflow

The flow and the heat transfer inside an empty cylinder ro-
tating around its axis and subjected to an axial airflow have
aroused a certain interest for a few decades now. This con-
figuration has been investigated with numerous experimental,
theoretical and numerical studies where many authors studied
the influence of rotation on the flow structure and the heat trans-
fer.

Whenever a flow enters through a rotating cylinder, tangen-
tial forces taking place between the wall of the rotating cylinder
and the fluid drive the fluid in rotation with the cylinder re-
sulting in a flow pattern rather different from the one observed
within a stationary cylinder. Pedley [25] was one of the first
authors to probe the Hagen–Poiseuille. Flow becomes unsta-
ble with an infinitesimal disturbance when the cylinder rotates
around its axis. These results have been experimentally con-
firmed by Nagib et al. [26]. Mackrodt [27] studied the stability
of the Hagen–Poiseuille flow through a rotating cylinder. Us-
ing numerical solutions of the movement equations, he found
critical values from which the flow becomes unstable.

Effects of the cylinder rotation on the charge loss have
been experimentally investigated by Levy [28], White [29] and
Shchukin [30]. If the flow is initially turbulent, the pressure loss
decreases with the increase in the rotational speed when com-
pared to the pressure loss of a static cylinder.

For turbulent flows through a rotating cylinder, Borisenko et
al. [31] analysed the effect of rotation on the turbulent fluctu-
ations of the velocity using hot-wire probes. They showed tur-
bulent effects disappeared when the rotational speed increases.
Murakami and Kikuyama [32] in an experimental study showed
that the cylinder rotation entails an attenuation of the turbu-
lence effects in the axial flow. With the increase in the rotational
speed, the axial velocity distribution tends towards the Hagen–
Poiseuille flow. Kikuyama et al. [33] experimentally and the-
oretically demonstrated using a modified mixing length theory
that in the case of a turbulent axial flow in a rotating cylinder,
the rotation tends to have a laminar flow. On the other hand, they
found a destabilizing effect for the flow due to the rotation when
the inlet flow is laminar. According to Murakami et al. [34],
in the case of an undeveloped flow in a rotating cylinder, the
cylinder rotation entails two opposite effects on the developing
dynamic boundary layer: a destabilizing effect due to an in-
crease in the fluid velocity at the surface of the rotating cylinder
and a stabilizing effect due to the turbulence suppression caused
by the centrifugal force. Kikuyama et al. [35] measured the
mean velocities and turbulent fluctuations inside the developed
boundary layers. Authors showed that the cylinder rotation en-
tailed two opposite effects on the flow: a destabilizing effect
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due to an increase in the shear stress caused by the wall rota-
tion near the inlet area of the rotating cylinder, and a stabilizing
effect due to the centrifugal force, which becomes predomi-
nant in the area far from the inlet. Imao et al. [36] carried out
an experimental analysis on the turbulent characteristics of a
fully developed flow in a rotating cylinder using Laser Doppler
Velocimetry (LDV). Their results indicate that turbulent fluctu-
ations in the rotating cylinder gradually decrease when cylinder
rotation increases.

There are but few works about the identification of the con-
vective heat transfer. Among these studies, the authors [37,38]
showed the rotation of the cylinder has a destabilizing effect on
the laminar flow which becomes turbulent, entailing a higher
heat transfer rate between the cylinder and the airflow. Other
authors [39–41] conclude that the cylinder rotation reduces the
heat transfer rate if the flow is initially turbulent.

Reich [37] observed the building up of convection cells in a
heated cylinder for low flow rates and a Gr/Re2

a ≈ 0.02 ratio.
The rotation of the cylinder around its axis causes the disap-
pearance of these convection cells. Reich et al. [38] pointed
out that the rotation has a destabilizing effect on laminar flows
and enhance the heat transfer rate between the cylinder and
the flow. Free convection cells appearing if the cylinder wall
is heated disappear whenever the cylinder rotational speed in-
creases. Cannon and Kays [39] showed that the most noticeable
influence is observed in the transition from laminar to turbulent
flow. When the axial flow becomes turbulent, the convective
heat transfer becomes insensitive to rotation. A visualization of
the flow revealed that cylinder rotation tends to stabilize lami-
nar flow to such a degree that transition appears for higher axial
Reynolds numbers. Reich and Beer [40] carried out an experi-
mental and analytical study. The analytical study is performed
for flow and heat transfer in a rotating cylinder using a modi-
fied mixing length theory. The cylinder rotation (and thus the
presence of the centrifugal forces radially increasing) plays a
pivotal part on the decrease in the turbulence and thus entails a
reduction in the heat transfer rate. Weigand and Beer [41] the-
oretically studied the effects of cylinder rotation on the heat
transfer with a fluid flowing inside a cylinder. The cylinder ro-
tation causes a decrease in heat transfer. When the rotation rate
tends towards infinity, the Nusselt number tends towards the
value of the Nusselt number for laminar flow in a static cylin-
der.

However it was observed that these studies cover a relatively
limited field since they are only valid for high values of the geo-
metrical aspect ratios L/D. Results available in the literature
do not allow to find out trends and correlations connecting the
Nusselt numbers to the axial and rotational Reynolds numbers.

3. Experimental setup

3.1. Experimental principle

This study aims at identifying the convective heat transfer
coefficient in an empty cylinder rotating around its axis with
an inner axial air flow. The temperature on the outer face of
the heated cylinder is obtained using infrared thermography.
The heat equation in the cylinder is solved with three differ-
ent methods permitting to obtain the internal convective heat
transfer coefficient. This resolution uses boundary and initial
conditions imposed by experiments.

3.2. Experimental setup description

Fig. 1 presents the experimental setup. The rotating part is
composed of three cylinders made of steel and separated by
a vetronite epoxy (VT) insulation whose conductivity λVT is
0.3 W m−1 K−1. These cylinders are concentric and reamed to-
gether to obtain a perfect inner surface quality. The 198 mm
long central cylinder corresponds to the test section. The inner
and outer diameters of the cylinders under study are respec-
tively 393 and 403 mm. The two 330 mm long cylinders sur-
rounding the central cylinder (test section) are used to avoid
parasitic phenomena at their inlet and outlet, the insulation in
VT being used to minimize the heat losses from the studied
zone towards the two connection cylinders. The external face
of the test section is heated with two fixed infrared transmitters
located above and below the rotating part and connected to a
power regulator. The power supply to the heat transmitters can
be regulated manually between 0 and 4 kW. An electric motor
associated to a variable speed transmission drives the cylinder
up to 1000 rpm. The rotating part is connected to the static part
with two ball bearings assembled into ball self-aligning bear-
ings.

The static part is composed of a centrifugal ventilator con-
nected to the revolving part with a 1.3 m long pipe on which
a diaphragm is placed. The fan imposes an air flow in the test
bench from 0 to about 530 m3 h−1. Upstream and downstream
the diaphragm, two pressure tappings are placed, measuring the
air flow rate flowing in the setup. The airflow generated by the
fan to the revolving part impacts on a flask tapped with 4 holes,
50 mm wide, and equally distributed. The impact zone is in
a small plenum chamber. The air from the fan goes into the
rotating part via the plenum chamber, flows through the first
connection cylinder used to homogenize the velocity profiles,
then it flows through the test area, and finally through the last
connection cylinder before flowing by the outlet flask which is
identical to the inlet flask.

3.3. Heat flux measurement and heating power estimation

The infrared lamps are connected to a regulator controlling
the heat power transmitted to the cylinder. For each imposed
power step, the heat flux received by the cylinder is identi-
fied versus the α angle (versus a horizontal line) using the
radiative heat flux sensors noted CFi on Fig. 2(a). These sen-
sors are placed on the external surface of the zone studied
and equally distributed in the axial direction (cf. Fig. 2(a)).
These square radiative heat flux sensors are sensitive neither
to the conduction nor to the convection phenomena. They
are 10 mm wide and 300 µm thick. Their response time is
about 100 ms and they have a linear sensitivity to the heat
flux of about 0.5 mV (W−1 m2). Relative uncertainty on the
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Fig. 1. Scheme of the experimental setup.

(a) (b)

Fig. 2. (a) Position of the heat flux sensor (axial view); (b) Position of the heat flux sensor (radial view).
heat flux density ϕ depends directly on the voltage mea-
sured since, if s is the sensitivity of the sensor, ϕ = U/s

and thus (	ϕ)/ϕ = (	U)/U ≈ 0.5%. These sensors carry
out a radiative heat balance on the irradiated surface. To
know the heat flux density supplied by the infrared lamps
ϕ0, it will be thus necessary to add to the heat flux den-
sity measured with the sensors the part of heat flux emitted
by the surface towards the surrounding (= εσ (T 4

p − T 4∞)).
The integration of the heat flux density with z and α deter-
mines the average heat flux density received by the cylinder
since:

ϕ0 = 1

S

∫
ϕ dS = 1

2πreL

∫ ∫
ϕ(z,α)re dzdα (18)
S

For example, in nominal use of the infrared transmitters the
mean heat flux density received by the cylinder and generated
by the IR lamps is 2745 ± 15 W m−2.

3.4. Temperature measurement

The surface temperature is obtained using an infrared cam-
era placed in front of the area under study. It is a short wave-
length infrared camera (2–5.4 µm) equipped with 20 × 12.5◦
lens. It was used with a 20 hertz image acquisition frequency
and a 204 × 128 pixel image definition. Its thermal resolu-
tion is 0.1% at 30 ◦C. This camera returns a signal I (T ) for
a black body surface at the temperature T observed through a
transparent environment. During measurement, the camera re-
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turns a digital signal originating from an elementary cylinder
surface. In reality, due to the partial transmission through the
surrounding air, the signal received by the camera is attenu-
ated. In addition, this signal also takes into account environment
radiation which reflects itself onto the cylinder. In order to im-
prove the part of radiative heat flux emitted by the cylinder, the
latter is painted black in order to increase its emissivity. The
black painted surface emissivity, determined by calibration, is
then 0.93 ± 0.02. A second calibration allows to connect, in a
real situation, the thermal level I to the real temperature of the
cylinder external surface. Absolute uncertainty on the tempera-
ture measurement with the camera remains lower than ±0.1 K
for the measurement range. The ambient air temperature, taken
as a temperature reference to evaluate the heat transfer coeffi-
cient is measured using a type K thermocouple. The diameter
of this thermocouple is 0.3 mm and its precision is ±1 K.

3.5. Air flow rate measurement

A diaphragm placed on the tube (Fig. 1) and the two pres-
sure taps placed upstream and downstream this diaphragm in-
dicate the flow rate flowing into the cylinder. This diaphragm
is calibrated and the law obtained is in good agreement with
Idel’cik [42]. It determines this flow rate with a relative uncer-
tainty remaining lower than 6%.

4. Identification models of the internal convective
coefficient

4.1. Modeling of the thermal behavior of an empty cylinder

Fig. 3 presents the problem studied. The rotating cylinder
is heated on its external face by a radiative heat flux whereas
its internal face is cooled down by an airflow whose speed U∞
and temperature T∞ are uniform. Initially the cylinder temper-
ature is also assumed to be uniform. The test area is insulated
from the other parts of the cylinder to promote a radial heat
transfer and to significantly limit the axial and orthoradial heat
transfers. In this case the temperature field within the cylinder
is supposed to be unidimensional and is denoted by T (r, t).
The convective heat transfer between the air and internal and
external surfaces is characterized by the total heat transfer co-
efficients hi and he. On the external surface of the cylinder,
the total heat transfer coefficient he = hcv

e + hr
e is defined us-

ing the convective and the radiative heat transfer coefficients.

Fig. 3. Scheme of the problem under study.
All thermophysical properties ρ, c and λ of the cylinder are
considered constant. Taking into account the relative thinness
of the cylinder when compared to its diameter (e/D = 0.0127)
and defining θ(x, t) = T (x, t) − T∞, the temperature evolution
in the cylinder is then governed by the following equations:

1

a

∂θ(x, t)

∂t
= ∂2θ(x, t)

∂x2

∂θ(x, t)

∂x

∣∣∣∣
x=0

= Heθ(0, t) − ϕ0

λ

∂θ(x, t)

∂x

∣∣∣∣
x=e

= −Hiθ(e, t)

θ(x,0) = θ∞ (19)

Where H = h
λ

is the ratio between the convection coefficient
and the thermal conductivity.

The heat transfer equation and the boundary conditions of
the problem define a system of differential equations where
unknown quantities are the temperature and the internal con-
vective coefficient hi . The experimental setup lets determine
the temperature evolution of external surface of the cylinder
versus time and the heat flux density ϕ0. The external convec-
tive coefficient he is evaluated using data from literature. Then
an identification method letting identify the internal convective
coefficient have to be developed. Three methods are proposed
in this work: thin wall assumption model, inverse method, and
analytical resolution of the heat transfer equation.

4.2. Thin wall assumption model

Considering the limited thickness of the wall (5 mm) and the
thermal conductivity of the cylinder (λcyl = 43 W m−1 K−1),
the cylinder can be considered at every moment and for certain
tests isotherm. With this assumption, the conservation of the
energy equation within the cylinder follows the law of the thin
bodies, which is written:

mc
dθ

dt
= Seϕ0 − (heSe + hiSi)θ (20)

From this relation, the evolution of h versus time is obtained:

hi = Seϕ0 − mc dθ
dt

Siθ
− he

Se

Si

(21)

In this equation, dθ/dt is estimated to use the smoothed ex-
perimental temperature profile, ϕ0 is measured as described in
part 3.3, he = hcv

e + hr
e where hcv

e is obtained using the cor-
relation presented in part 2.1 and hr

e using a linearization of
the radiative heat flux, i.e. hr

e = εσ (T 2
p + T 2∞)(Tp + T∞). In a

steady state, the relative uncertainty on hi obtained with this
method and our experimental conditions can easily be deter-
mined and remain lower than 6.4%.

4.3. Inverse model

This method consists in an approach based on the finite dif-
ferences which implies a discretization of the domain. The cal-
culation domain is composed by a network of nodes in which
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Fig. 4. Spatial and time discretization scheme.

the temperature is calculated. The calculation of the internal
convective heat transfer coefficient is achieved in three different
steps. The first step consists in calculating the temperature at the
point i = 2 using a heat balance in the cell between the point of
external surface i = 1 and the first inner point i = 2 (cf. Fig. 4).
The measurement point i = 1 has two known conditions: its
temperature resulting from infrared thermography and the heat
flux balance (heating + convection + radiation). In the second
step the temperatures in the nodes i = 3 to i = I are determined
using the heat equation discretization. The third step consists in
calculating the convective heat transfer coefficient on the inner
surface of the cylinder using the temperature field calculated
and the inner surface heat flux balance. For this model, several
discretization schemes are used but only the Euler scheme is
developed hereafter.

This scheme uses an implicit formulation of the heat bal-
ance, thus:

ρc
θn+1

1 − θn
1

	t
= ϕn+1

1+1/2 − ϕn+1
1

	x/2
for i = 1

ρc
θn+1
i − θn

i

	t
= ϕn+1

i+1/2 − ϕn+1
i−1/2

	x
for 1 < i < I

ρc
θn+1
I − θn

I

	t
= ϕn+1

I − ϕn+1
I−1/2

	x/2
for i = I (22)

The heat flux densities can be formulated like below:

ϕn+1
1+1/2 = λ

θn+1
1 − θn+1

2

	x
, ϕn+1

1 = ϕ0 − heθ
n+1
1

ϕn+1
i+1/2 = λ

θn+1
i − θn+1

i+1

	x
, ϕn+1

i−1/2 = λ
θn+1
i−1 − θn+1

i

	x

ϕn+1
I = hiθ

n+1
I , ϕn+1

I−1/2 = λ
θn+1
I−1 − θn+1

I

	x
(23)

And then, we obtain:

θn+1
2 =

[
	xhe

λ
− χ

2
+ 1

]
θn+1

1 + χ

2
θn

1 − 	xϕ0

λ

θn+1
i+1 = (2 − χ)θn+1

i − θn+1
i−1 + χθn

i

hi = ρc	x

2	t

θn+1
I − θn

I

θn+1
I

+ λ

	x

θn+1
I−1 − θn+1

I

θn+1
I

(24)

with χ = (	x)2

a	t
, x1 = 0 and xI = e.

The resolution of this system requires the use of θ1 provided
at every moment by the infrared camera. It also requires the
knowledge of ϕ0 obtained using the heat flux sensors as de-
scribed in part 3.3. The convective coefficient on the external
face (hcv

e ) is determined using the correlation of the literature
given by Eq. (6) and hr

e = εσ (T 2
p + T 2∞)(Tp + T∞). In a steady

state, the relative uncertainty on hi obtained with this method
and with our experimental conditions remains lower than 7.4%.

4.4. Analytical model: Resolution of the heat equation

The development of the theoretical model is performed using
an unidirectional modelling of the cylinder thermal behaviour.
In addition, the cylinder is assumed to be a flat plate. The sys-
tem (19) is not homogeneous due to the boundary conditions at
x = 0. However, its resolution is possible by splitting it into two
subsystems and defining θ such as θ(x, t) = θA(x, t)+θB(x, t).
In this last expression, θA(x, t) stands for the solution of the
non-stationary homogeneous system, whereas θB(x) is the so-
lution of the non-homogeneous stationary system.

Non-stationary homogeneous subsystem

1

a

∂θA(x, t)

∂t
= ∂2θA(x, t)

∂x2

∂θA(x, t)

∂x

∣∣∣∣
x=0

= HeθA(0, t)

∂θA(x, t)

∂x

∣∣∣∣
x=e

= −HiθA(e, t)

θA(x,0) = −θB(x) (25)

Stationary subsystem

∂2θB(x)

∂x2
= 0

∂θB(x)

∂x

∣∣∣∣
x=0

= HeθB(0) − ϕ0

λ

∂θB(x)

∂x

∣∣∣∣
x=e

= −HiθB(e) (26)

The resolution of the stationary subsystem (26) provides:

θB(x) = − ϕ0

λ[1 + He

Hi
(1 + Hie)]

[
x − (1 + Hie)

Hi

]
(27)

The solution of the homogeneous non-stationary subsys-
tem (25) is obtained using the variable separation method. This
solution appears as:

θA(x, t) = e−ak2t2[
γ cos(kx) + δ sin(kx)

]
(28)

Where the K , γ and δ parameters have to satisfy the bound-
ary conditions.

The boundary conditions in x = 0 and x = e are:

x = 0: kδ = Heγ

x = e: k
(−γ sin(ke) + δ cos(ke)

)
= −Hi

(
γ cos(ke) + δ sin(ke)

)
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By combining both equations, the following transcendent
equation is obtained:

tg(ke)
[
BieBii − (ke)2] = −ke(Bie + Bii ) (29)

This characteristic equation admits an infinity of discrete so-
lutions kn. The roots of this equation depend on the values of the
external and internal Biot numbers (Bie = eHe and Bii = eHi ).
The general solution of the system (25) is expressed as a series
by:

θA(x, t) =
∞∑

n=1

e−ak2
nt

[
γn cos(knx) + δn sin(knx)

]
(30)

Constants γn and δn must satisfy the initial condition:

θA(x,0) = −θB(x) =
∞∑

n=1

[
γn cos(knx) + δn sin(knx)

]
(31)

Applying the Fourier series theory, we obtained:

γn = −
∫ e

0 cos(knx)θB(x)dx∫ e

0 cos2(knx)dx

δn = −
∫ e

0 sin(knx)θB(x)dx∫ e

0 sin2(knx)dx

After integration γn and δn are:

γn = 2knψ

cos(kne) sin(kne) + ekn

×
[

e − φ

kn

sin(kne) + 1

k2
n

cos(kne) − 1

k2
n

]
(32)

δn = 2knψ

ekn − cos(kne) sin(kne)

×
[

φ − e

kn

cos(kne) + 1

k2
n

sin(kne) − φ

kn

]
(33)

With ψ = φ0

λ[1+ He
Hi

(1+Hie)] and φ = (1+Hie)
Hi

.

Finally, the solution of the coupled problem is written:

θ(x, t) =
∞∑

n=1

e−ak2
nt

[
γn cos(knx) + δn sin(knx)

]

− ϕ0

λ[1 + He

Hi
(1 + Hie)]

[
x − (1 + Hie)

Hi

]
(34)

And the temperature of external surface

θ(0, t) =
∞∑

n=1

γne
−ak2

nt + ϕ0(1 + Hie)

λ[Hi + He(1 + Hie)] (35)

From Eq. (35) hi cannot be explicitly extracted. However,
the temporal evolution of hi is obtained by identifying the ex-
perimental thermogram of the external surface temperature of
the rotating cylinder and Eq. (35) at every moment. The evo-
lution of the internal convective coefficient with time is then
obtained.
In a steady state, the value of hi is obtained when t tends
towards infinity in Eq. (35) in x = 0 (external face), so the con-
vective heat transfer coefficient can be explicitly deduced.

hi = λϕ0 − λ2Heθmax

λθmax(1 + Hee) − ϕ0e
(36)

This relation giving hi in steady state, can be directly ob-
tained using heat resistances. Indeed, combining Eqs. (37) and
(38) expressing respectively the heat balance on external and
internal surfaces of the cylinder, the same expression from hi

as in (36) is obtained.

ϕ0 = heθx=0 + λ

e
(θx=0 − θx=e) with θx=0 = θmax (37)

λ

e
(θx=0 − θx=e) = hiθx=e (38)

In addition, in a steady state, the relative uncertainty on hi

obtained with this method and for our experimental conditions
remains lower than 7.4%.

5. Experimental results

This part presents results of all experiments carried out on
the convective heat transfer inside an empty rotating cylin-
der versus dimensionless parameters connected with the ax-
ial flow and the rotational speed. The tests were carried out
with a cylinder rotational speed ranging from 4 to 880 rpm
(1.6 × 103 � Rer � 4.7 × 105) and a variable flow rate vary-
ing from 0 to 530 m3 h−1 (0 � Rea � 3 × 104).

To determine Nu, Rea and Rer , physical properties of the
fluid are taken at the film temperature, in agreement with the
most empirical studies about that sort of problem.

Fig. 5 shows a typical evolution of the external surface tem-
perature of the cylinder versus time. This monotonous evolution
increases and tends asymptotically towards the temperature of

Fig. 5. Typical thermogram on the outer cylinder surface.
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thermal balance. This curve is relatively well defined by the fol-
lowing law:

θ = θmax

(
1 −

N∑
i=1

ηie
−t/τi

)
(39)

Where θmax represents the equilibrium temperature, ηi and
τi are related to the thermogram and numerically obtained for
each test.

5.1. Comparison of the models

Values of hi obtained with the three models developed in
this work: inverse technique, isothermal model and analytical
model are presented thereafter.

The comparison of the different methods is carried out for
the test with the cylinder in rotation at 880 rpm, without any ax-
ial airflow and heated with a 2745 W m−1 heat flux density. The
convective coefficient on the external cylinder surface hcv

e is
evaluated using the Dropkin and Carmi correlation [9], Eq. (6).
It directly gives hcv

e = 44.2 W m−2 K−1.
The temperature profile obtained for this operating point

presents an increasing exponential evolution well fitted by the
following function:

θ = θmax

(
1 −

3∑
i=1

ηie
−t/τi

)
(40)

with θmax = 17.59K , and η1 = 0.426, τ1 = 0.776 s, η2 = 0.425,
τ2 = 644.330 s, η3 = 0.275, τ3 = 80.873 s.

For the Euler model, the wall of the cylinder is discretized
with 11 nodes spaced equally of 0.5 millimeter in the thickness
direction. A finer mesh does not significantly change the val-
ues of hi . The time steps adopted for the time discretization is
60 seconds. This time step is chosen equal to the acquisition
frequency of the external surface temperatures.

A comparison of the results obtained using the different
models is presented on graph 6. It is noted that the three plots
relating to the models present almost the same trends. Whatever
the identification method used, the initial value of the convec-
tive coefficient inside the cylinder is high. This value then grad-
ually decreases and tends towards a limit value identical for all
models for large times.

These results also show a good agreement between the dif-
ferent models for t > 480 s since for these times, the average
relative error remains lower than 8%. However for initial calcu-
lation steps (t < 480 s) significant differences are to be noted.
This can be explained, in the Euler model by the important
time step (60 s) which alters the temporal derivative calcula-
tion whenever these derivatives strongly change and thus at the
initial moments. For the isothermal model, the source of error
can come from the isothermal assumption which is not true at
the beginning. However the isothermal model gives excellent
results for important times and can be quickly implemented.
For the analytical model, hi is assumed to be constant for equa-
tions resolution, this assumption can entail inaccuracies at the
initial instants.
Table 2
Value of the internal heat transfer coefficients hi in steady state

ω = 880 tr mn−1 Isothermal model Analytical model Inverse model
Rer = 458360

hi [W m−2 K−1] 108.31 106.97 104.26

Fig. 6. Evolution of the heat transfer coefficient with time for the different mod-
els (Rer = 458360 and Rea = 0).

To calculate the convective coefficient in a steady state, the
equilibrium temperature is averaged over the last moments (i.e.
the last 600 s). Its variation during this time is about 0.07 K and
without significant consequence over the determination of hi .
The values of the convective coefficient hi obtained in a steady
state using the various methods are plotted on Table 2. It is
noted that the results are close, and the relative uncertainty does
not exceed 4%.

5.2. Validation of the experimental method

The validation of the experimental method is carried out in
the case of a cylinder at rest with an axial flow. This configu-
ration is motivated by the existence of many works about the
convective heat transfer inside a stationary pipe with an axial
flow. To ensure a uniform heating of the external cylinder sur-
face, this cylinder is driven in rotation but at a very low angular
speed ω = 4 tr min−1 which corresponds to Rer = 1731 and
limits the effects of rotation on the values of the convective co-
efficients. For all the tests the axial Reynolds number ranges
from 2737 to 25047.

The influence of the external natural convection is taken
into account using the Grashof number. The cylinder temper-
ature in a steady state is used to evaluate the latter. Using
Eq. (2) the critical Reynolds number can then be deducted
and Rec = 23662. So we are in the case where Rer < Rec and
the thermal transfer outside the cylinder is thus governed by a
mixed convection law. Then Etemad correlation, Eq. (8), is used
to estimate the convective heat transfer coefficient and gives:
hcv

e = 7.5 W m−2 K−1.
Fig. 7 presents the experimental thermograms obtained for

the various axial airflows. With a constant heating flux, ϕ0 =
2185 ± 10 W m−2, the increase in the air flow rate involves an



S. Seghir-Ouali et al. / International Journal of Thermal Sciences 45 (2006) 1166–1178 1175
Fig. 7. Temperature time evolution on the cylinder outer surface with an axial
air flow.

Fig. 8. Evolution of the Nusselt number with axial Reynolds number.

enhancement of the heat transfer between the cylinder and the
air flow which results in the reduction in the surface tempera-
ture.

Results about the internal convective coefficients are com-
pared with the data of McAdams and Hausen correlated by
Eqs. (15)–(17). Those equations are chosen among the other
existing works because they are well suited to the conditions
of this study. Indeed, this choice is motivated by the dimen-
sions of the cylinder under study which is relatively short
(L/Di = 0.50) and the fact that these correlations are mainly
well adapted to the inlet tubes regime. The (15), (16) and (17)
correlations are valid only in a steady state, thus only the val-
ues of hi obtained for t tending towards infinity are compared
hereby. To better appreciate these results we plot on Fig. 8 the
evolution of the convective coefficient hi inside the 4 rpm rotat-
ing cylinder for different axial airflows and those resulting from
literature. This comparison remains pertinent as long as the ax-
ial air flow rate is not too high. Indeed, the connexion cylinder
coupled to the low rotational speed insures an airflow close to
the one observed in a straight-pipe.
Table 3
Comparison of the results

Rea 2737 4883 8101 14370 18890 21255 25047

εisothermal [%] 14 14 11 14 18 21 12
εanalytical [%] 12 12 8 12 15 18 11
εinverse [%] 8 9 5 9 12 15 7

Table 3 presents the relative error ε = |Nuexp −Nucorr|/Nucorr
obtained between the correlations and the models developed for
this study. As we can note, these relative errors are pretty satis-
fying. Indeed, we note a maximum relative uncertainty equal to
21% between the experimental results and the results obtained
using correlations. These variations can be entailed by the cylin-
der rotation which slightly disturbs the internal air flow and thus
tends to increase the heat transfer. These variations can also be
explained with the differences between the geometries studied
in literature and the geometry of this work. Indeed, in the device
studied the inlet axial air flows through several holes whereas
in the bibliography the air flows directly through tubes. In this
table, the inverse and analytical models produce better results
than the isothermal cylinder model with a slight advantage for
the inverse method. All in all, the isothermal model is less accu-
rate than other models whatever the axial air flow. This seems
coherent since an axial flow promotes the internal face cooling
and in that case the isothermal cylinder assumption will be less
realistic.

5.3. Rotating cylinder with an axial air flow

Fig. 9 plots the temporal evolution of the convective heat
transfer coefficient versus the rotational Reynolds number for
various axial Reynolds numbers. Whatever the rotational speed
and the axial flow, temporal evolutions of hi are analogous.
In a general way, initially the convective coefficient abruptly
decreases. This decrease is followed by an asymptotic behav-
iour which tends towards a finished limit value corresponding
to the steady state and depending both on axial flow and rota-
tional speed. This temporal reduction in the convective coeffi-
cient is mainly caused by the increase in the thermal boundary
layer thickness. For an imposed air flow rate, an increase in the
convective heat transfer coefficient with the rotation can addi-
tionally be observed. This is explained by the rotation which
generates a destabilizing effect due to the increase in the shear
stresses caused by the wall rotation and thus promotes heat ex-
changes.

Results of tests carried out in a stationary regime were pre-
sented on Figs. 10 and 11 as Nu = f (Rer ) and Nu = f (Rea).
As previously observed, it appears clearly that the heat trans-
fer rate increases with rotation. Indeed, the rotation entails a
change in the air flow due to the shear effects which enhance
heat exchange between the moving wall and the air.

On Fig. 10 for low rotational speeds, the usual results of a
static cylinder with an axial air flow are found again: heat trans-
fer increases with the axial air flow. The Nusselt numbers are
greater than the values obtained with traditional correlations re-
lated to a fixed cylinder and the difference increases whenever
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Fig. 9. Temporal evolution of the heat transfer coefficient with the Reynolds number (inverse model).
Fig. 10. Evolution of the Nusselt number with Rea for different rotational
speeds.

the rotational speed increases. However the axial flow is less
influenced for the high rotational speed and the convective heat
transfer is governed by the rotational Reynolds number.

Fig. 11 shows the existence of two heat transfer regimes.
For low rotational speeds, heat transfer increases with axial
and rotational Reynolds numbers. When the rotational speed
increases, values of the Nusselt number tend towards values
almost independent from the axial Reynolds number, which
Fig. 11. Evolution of the Nusselt number with Rer for different flow rates.

shows the negligible influence of the axial flow on the convec-
tive heat transfer. The independence of the convective transfer
to the axial flow is characterized on Fig. 11 by the contrac-
tion of the different curves. To separate the influence domains,
we defined a purely mathematical criterion such that the tran-
sition occurs at the points where the difference between the
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Fig. 12. Comparison of experimental results and obtained correlation (42) for
0 < Rea < 3 × 104 and 1.6 × 103 < Rer < 2.77 × 105.

curves is minimal. With this aim in mind, we study correlations
Nui = fi(Rer ), for each axial flow. From these correlations, we
seek the solutions of the following equation:

Nui+1 − (1 + s)Nui = 0 (41)

Where s represents the relative difference between the val-
ues of the curves Nui and Nui+1.

We admit that the rotation becomes preponderant when the
relative difference between curves is lower than 8%. The res-
olution of Eq. (41) provides the critical rotational Reynolds
number Recrit

r from which the convective heat transfer becomes
almost independent from the axial flow. The critical value re-
tained is the one which corresponds to the greatest rotational
Reynolds number, i.e. Recrit

r = 2.77 × 105.

5.4. Seek of a correlation between the dimensionless
parameters

The existing literature does not suggest results in the case of
the configuration studied. Using all the results obtained, corre-
lations connecting the convective heat transfer to the rotation
and the axial air flow are proposed. Then we seek to correlate
experimental points to an equation connecting the inner Nus-
selt number in a steady state with both the axial and rotational
Reynolds numbers. Results about convective heat transfer show
we have to consider two flow regimes: the first one for the low
rotational speeds, for which the convective heat transfer is gov-
erned by both the rotation and the axial flow; the second one
for high rotational speeds, for which the convective heat trans-
fer is governed by rotation, and where the axial flow has a weak
influence.

For the low values of the rotational Reynolds number (Rer <

2.77×105), the heat transfer rate depends both on the axial and
rotational Reynolds number. So, we seek a relation such as:

Nu = b Rec
a + d Ref

r

From the least square method, the following correlation was
established, with an average relative uncertainty lower than
11% for the range studied parameters (Fig. 12):
Fig. 13. Evolution of Nusselt number with the rotating Reynolds number
(Rer > 2.77 × 105).

Nu = 0.01963Re0.9285
a + 8.5101 × 10−6Re1.4513

r

0 < Rea < 3 × 104 and 1.6 × 103 < Rer < 2.77 × 105 (42)

For greater rotational speeds: Rer > 2.77 × 105, convective ex-
changes on the internal wall of the cylinder are almost inde-
pendent from the axial air flow and are completely governed by
the effects of rotation. The influence of Rea on the heat transfer
is then negligible. Rotation entails an increase in the convec-
tive heat transfers on the internal cylinder surface; the Nusselt
number is an increasing function of Rer , being correlated by
Eq. (43). This correlation is established with an average relative
uncertainty lower than 5% on the considered domain (Fig. 13):

Nu = 2.85 × 10−4Re1.19
r

Rer > 2.77 × 105 (43)

6. Conclusion

Infrared thermography allows to identify the convective heat
transfer coefficient inside a heated empty rotating cylinder with
an axial airflow, for a Reynolds number axial ranging from 0
to 3 × 104 and Reynolds rotational number varying between
1.6×103 and 4.7×105. Several identification models are devel-
oped and tested in order to determine their relevance to evaluate
the convective coefficient. They are all based on the knowledge
of the external cylinder surface temperature obtained in experi-
ments using infrared thermography. Results obtained for a sta-
tionary cylinder are in good agreement with correlations found
in literature. The investigations point out the time evolution of
the convective coefficient on the internal face of the cylinder.
The convective exchanges on the internal wall of the cylinder
depend on the rotation and the axial air flow. For high rotational
speeds, the heat transfer rate is governed by rotation and the
axial flow only slightly influences the internal convective heat
transfer. Finally, two correlations providing the Nusselt num-
ber are proposed. The first one is relevant for the low rotational
speeds and the Nusselt number is a function of both the rota-
tional and axial Reynolds numbers. The second one is relevant
for high rotational speeds. In this case the heat transfer rate only
depends on the rotational Reynolds number.
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